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ABSTRACT

The rotor dynamics generally deals with vibration of rotating structures. For designing
rotors of a high speeds, basically its important to take into account the rotor dynamics
characteristics. The modeling features for rotor and bearings support flexibility are described
in this paper, by taking these characteristics of rotor dynamics features into standard Finite
Element Approach (FEA) model. Transient and harmonic analysis procedures have been
found by ANSYS, the idea has been presented to deal with critical speed calculation. This
papers shows how elements BEAM188 and COMBI214 are used to represent the shaft and
bearings, the dynamic stiffness and damping coefficients of journal bearings as a matrices
have been found with the variation of rotation speed of the rotor which are vary with
eccentricity of journal with bearings and this eccentricity is a function of Sommerfeld
number, the first critical speed analysis has been done from Campbell diagram, the critical
speed it is the speed at which resonance case happen, the unbalance response analysis has
been done with changing the unbalance mass then finding the maximum response of the
rotor for each unbalance mass case, by Campbell diagram plot recognizing the stability of
the system and find the line of un stability, above and down this line the system is stable and
if speed lies on this line the system is unstable, the main reason of analysis of rotor
dynamics is to help Engineers to characterize the lateral dynamics characteristics of a given
design with Campbell diagram plot, can find the critical speed, the unbalance response and
the system stability .
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1. INTRODUCTION

Because the rotors are wide used in industry like steam turbines, gas turbines, fans and
stator of electric motors. The growth in power and more difficult design of turbomachines
accompanied by higher requirements to their reliability. To increase the life of rotors is also
one of the main targets to get better quality, modern computational method is used to
determine strength and reliability characteristics. Generally the rotor dynamics is a main
branch of engineering to studies the lateral and torsional vibrations of rotors with objective
of expecting the rotor vibrations and containing the vibration level with acceptable
limitations, the main components of a rotor dynamic system are the shaft of rotor with disk,
the bearings and the seals, the shaft with the disk is the rotating part of the system Nagaraju
and Srinivas, 2014.

Basically there are three types of vibrations associated with the motion of the rotor,
axial, torsional and lateral vibrations. The axial vibration is the dynamics of the rotor in the
axial direction while torsional vibration is the dynamics of the shaft in the rotational
direction, basically this is very little influenced by the bearings that support the rotor and
that is not a major problem, lateral vibration, the primary concern is the vibration of the
rotor in lateral directions, Abdul Ghaffar, at al., 2010.

The bearings could be regarded as important parts in finding the lateral vibrations of the
rotor, we will investigate the basic concepts of lateral dynamics of the rotor, with ever
increase in demand for large size and speed in modern machines, rotor dynamics becomes
more important in the mechanical engineering design. It is famous that torsional vibration in
rotating machines, reciprocating machines installation and geared system, whirling of
rotating shaft, the effect of flexible bearing, instability because of asymmetric cross-section
shafts, hydrodynamics bearings, hysteresis, balancing of rotor can be understood only on the
basis of rotor dynamics studies. Rotor dynamics is an important branch of the discipline of
dynamics that pertains to the behavior of a huge assortment of rotary machines, Maurice,
2010. The aim of a standard rotor dynamics analysis and design checking is to help to
characterize the transverse dynamic design characteristics but analysis of some rotary
equipment may need analysis specific to the unit, a general method has used for performing
the standard lateral analysis of vibration by using FEA with selected BEAM188 element for
shaft and COMBI214 element for bearings in the ANSY'S software.

2. FUNDAMENTAL EQUATIONS
2.1 Fluid Film Bearings

There are many parameters and physics phenomena that control the rotors apart from
stationary structures but the main differences is the fluid film supports if we want to
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understand the rotor dynamics as in Fig.1, In the past they were believe that the lubricant in
the cavity of the bearing will decrease the friction and minimize the losses, and then they
discovered that the fluid film doing many things more than the losses of the friction. If
looking at Fig.2, the bearing center C and the journal center ¢ will form an attitude of the
bearing and makes the angle a with the vertical load (W), the clearance h will varying
between two values.

From the bearing geometry and speed, eccentricity, pressure and attitude angle
Sommerfeld derived such parameter to give an indication about the bearing eccentricity as,
Michael, et al,.2012.

s=e () e

The radial and tangential forces Fr, Ft is

DQuL3e?
2h2(1—€2)2

nDQuL3e

==  8h2(1-€2)3/2

and F; = (2)

The force F; opposes the sliding motion so that the power dissipation F; * QD /2, the
resultant force on the bearing must be opposite to the load applied to the rotor.

’ nDQul3e 16
F = F;~2+Ft2:8h2(1—_62)2((§—1)62+1)1/2 (3)

If the load on bearing is known then the modified Sommerfeld number is given by Yukio
and Toshio, 2012.

S = DQuL3
57 gfn2

(4)

These forces F. and F; are applied on both bearing bush and the journal, the tangential force
F; opposes the sliding motion so that the power dissipation is F;  D/2.The resultant force
on the rotor (through the bush) must be equal and opposite to the load applied on the rotor,
from Eq. (2), the magnitude of the resultant force as in Eq. (3), a vertical resultant force is
common, where the load is due to the rotor weight; in this case, the position the journal takes
in the bearing ensures that the load is indeed vertical. If the magnitude of this load is known,
then the bearing eccentricity may be obtained by rearranging Eqg. (3) to give Eq. (5), where
S from Eq. (4) is called modified Sommerfeld number or Ocvirk number and is known for a
particular speed, load, and oil viscosity, Michael, et al,.2012.

€% —4e® + (6 — Ss?2(16 —m?))e* — (4 + 1?SsHe? +1 =0 (5)

The values of eccentricity ratio € is equal % always taken between 0-1 so the value of

€ has been found by iteration method from O to 6000 RPM by computer program of
MATLAB.

110



Number 5 Volume 22 May 2016

Journal of Engineering

When a linear bearing model is used in machine, the displacement should be checked to
be small because a linear analysis does not include any constraints on the displacement, we
considered only short bearing so the matrices is 2 x 2 for stiffness and damping matrices

could be found as , Michael, et al,.2012.

K = F [axx axy] _ Kxx ny]

h ayx ayy ny Kyy
bxx bxy Cxx Cxy
c—F/(th)[byx i il e

1
(m2(1-£2)+16€2)3/2

Where ho =

Ay = ho X 4(m2(2 — £2) + 16€2)

n((n?(1-£2)%)-16€%)

ayy = ho X g
n(m?(1-2)(1+2€2)+32€?(1+£2
a4, = —ho X (n?(1-¢?)(1+26%)+32e?(1+e%))
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32€2(1+£?)

_ 2 2
ayy = ho X 4(m*(1 + 2¢°) + =S

% 2nV1-€2 (m?(1+2€%)-16€?)
€

byy = byy = —ho X 8(n?(1 + 2¢€*) — 16€?)

2m((m?(1-2)?)+48€2)

eV1—e?

b,, = ho X

yy

(6)

(7)

(8)
9)
(10)

(11)

(12)

(13)

(14)

(15)

The stiffness matrix is not symmetric, therefore, hydrodynamic bearings is anisotropic
supports in to the machine. The MATLAB computer program has been designed to study the
relations between eccentricity and modified Sommerfeld number, then getting the relation
between modified Sommerfeld number and stiffness and Sommerfeld with damping. We
take in to account the effect of dynamic forces acting on the bearings, generally the force-
displacement relation is nonlinear but, its provided that amplitude of resultant is small, so
can assume a linear force-displacement relation. We consider short bearing (L/D<1), where
the matrix are 2x2 , the stiffness and damping matrices may be written in closed form in
term of eccentricity and load as shown in Egs.(6) and (7). The representation of spring and
damper of COMBI214 is 2-dimensions element with longitudinal tension and compression

capability as shown in Fig.3.
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2.2 Dynamic Equations

The concept of rotor dynamics has demonstrated by using the rotor which has disk lies at
un equal distance from bearings, the bearings that taken with the rotor is short journal
bearing L< D and 4 # B as shown in Fig. 1

The rotor consists of long flexible shaft with flexible journal bearing on both ends the
bearings has support stiffness K, K,,,, K., and K, associated with damping c,y, ¢y, Cxy
and cyy.

in both ends in bearing 1 and bearing 2 as shown in Fig.3, there is a disk of mass md and the
mass of shaft is ms, the equivalent mass of the rotor is, Michael, et al,.2012.

m=my + %ms (16)

The center of gravity of disk is offset from the shaft geometry center by an eccentricitye,
the motion of disk center is described by two translational displacements (xr, yr).

The main form of equation of motion for all vibration problems is given by Xu, et al, 2004.

[mI{Gr) } + (el + [egD{y,} + (K] + [HD{y;} = {f} (17)

Where

[m] = symmetric mass matrix, [c] = symmetric damping matrix, [K]= symmetric stiffness
matrix, {f }= external force vector, {y}= generalized coordinate vector.

The Eq. (17) is for motion a symmetric rotor and rotates at constant speed Q about its spin
axis but it is accompanied by skew symmetric gyroscopic matrix [Cg] and skew symmetric
circulatory matrix [H]. Both of [Cg] and [H] matrices are affected by rotational speed Q.
When the speed Q is zero, the [Cg] and [H] in Eq. (17) vanished represents an ordinary
stand still structure, the [Cg] matrix has inertia terms and derived from kinetic energy
because of the gyroscopic moments acting on the rotary parts of the machine, if this
equation is described in rotary reference body this gyroscopic matrix [Cg] Also has the
terms which associated with Coriolis acceleration. The circulatory matrix [H] is come
mainly from internal damping of rotating elements, Nagaraju and Srinivas, 2014,

From Newton's second law of motion in x and y directions to get the equations of motion
including the stiffness and damping of bearings

ZFx = mi (18)
XFy=my (19)
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(Kt Kox 14K 2)X; 4 (Kyx 1 4 Koy 2)yj + (Cax 1 + €)X + (Cry1 + €y 2)y, — Koy =

m%(Xj + ecos(Qt + de) (20)
(Keyl + Ky 2)Xj + (Kyy1 + Ky 2 + K)y; + (cxy1 + €2y 2) X, + (cyy 1+ € 2)y, —
K, = m%(yj + esin(Qt + de) (21)

Where ®e is the phase angle of mass unbalance, the above equations of motion gives
indications about the motions in x and y directions are both decoupled in case of static and
dynamic for this model therefore they can be solved separately to find response amplitude in
x and y directions at any time.

2.3 Modeling and Design Data Input

The modeling features for rotor and bearing support flexibility are described in this
papers and show how element BEAM188, COMBI214 are used to model the shaft with
bearings and MASS21for disk to model the masses. The stiffness and damping of both
bearings with cross coupling directions and stiffness with damping of the shaft has been
taken into account in this analysis including their variations with the changing of rotational
spin speed to get accurate results. Beam element (BEAM188) is good for analyzing slender
to moderately stubby or thick beam structures, it is a linear (2 —nodes) as shown in Fig.4,
beam188 element has six or seven degrees of freedom at each node, with the number of
degrees of freedom depending on the KEYOPT(1) value, when KEYOPT(1) = 0 at each
node, these include translations in the x,y and z directions and rotations about X,y and z axes,
when KEYOPT(1) =1, a seven degree of freedom (warping magnitude) is also considered,
this element is well suited for linear large relation and/or large strain nonlinear applications,
MASS21 element for lamped mass disk is a point element having up to six degree of
freedom displacement in x,y,z directions and rotation about x,y and z axes. A different mass
and rotary inertia may be assigned to each coordinate direction, Nagaraju and Srinivas,
2014.

Tables 1 and 2 represent the values of stiffness and damping of bearings with the
variations of spin speed so can represent the COMBI214 element in ANSYS for each
bearing and at any speed, the results are from MATLAB program which has been designed
to solve a set of equations from Egs. (1) to (15). The values of damping coefficients
decreased with rotational speed till to 2000 RPM then its change very small and its
approximately considered constant values but the cross coupling values continue decreasing
while the stiffness also change rapidly till to 2000, is seem stable and stiffness in cross
coupling directions is not equal and varied small amounts as shown in Figs. (5) and (6).

3. RESULTS AND DISCUSSION

Modal analysis without any rotation is performed on the rotor model. The Eigen
frequency obtained for the rotor model at 0 RPM are drawn in Fig. 7 which shows first
mode shape of operation 6000 rpm by ANSYS, Table 4 shows the dimension of the
selected model (A=# B). For Critical Speed and Campbell Diagram, In this analysis, the first
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Eigen frequency analysis are done on the rotor model for speed range from 0 to 6000 rpm
with an increment of 100 rpm using multiple load step, the fundamental Eigen frequency of
the rotor model corresponding to different rotational spin speeds are plotted in Campbell
diagram with limitation of the stability of the rotor as shown in Fig.8.

The Campbell diagram is used to find critical speed of the system by ANSYS which is
4920 RPM, often rotor critical speed against natural frequency of the system, the rotor is
supported by two tilting pad short bearings, stiffness and damping coefficients of bearings
are varied with spin speed and in this case the natural frequency of the system are varied, if
the natural frequency equal to rotating spin speed, the speed is called critical speed, as
shown in Campbell diagram the stability limit at 80.4 Hz and it called threshold limit so if
the frequency less than threshold, it mean under the purple color line and the system is
stable, if the frequency more than threshold, it mean up the purple color line and the system
is stable too, if the frequency is 80.4 it mean, it is on the purple color line and the system is
unstable.

For the harmonic analysis it has been showed that the unbalance response of the rotor
at the disk location by apply the unbalance forces at the center position to get the
displacement which vary sinusoidal at the same know frequency domain then the
comparison has been done by changing the value of unbalance masses (0.5g, 1g, 1.5g, 29
and 2.5g) as shown in Table 5, to understand its effect on the rotor while its operating, it can
be conclude that by increasing the unbalance masses, the displacement will also increase at
the disk region and the relation between them shown in Fig.13 , the unbalance harmonic
response shown in Figs. 9, 10, 11, 12, 13 and 14. The maximum displacement happens at
the critical speed case, the dynamic amplitude plotted against the unbalance mass as shown
in Fig.15, the amplitude vary nonlinear till to 1g unbalance mass then it varies
approximately linear after 1g to 2.5g.

For the transient analysis at start up, the response of the rotor system at the disk region to
arbitrary time-varying load to find the stability of the system at different spin speeds, if the
amplitude of the rotor decrease with the time, that means the system is stable otherwise the
system is not stable. Also the values like rise time (fr), overshoot (PM), settling time (ts) has
been calculated for transient start up case with changing the speed from 0 to 6000 rpm and
for (0.5¢g, 1g, 1.5¢, 29, and 2.5g) unbalance mass as listed in Table 6, the transient has been
compared just only as a behavior of the curves with Ignacio, et al, 2013, the comparison
also has been done just only for understanding the behavior of curve for transient bending
stress in z and y directions with Ignacio, et al, 2013. where blue color is bending stress in y
direction and red color is bending stress in z direction, the maximum stress in y direction is

T 90E6 —,
m

6.55sec. the behaviors were in good agreement if compare with transient stress as in

Ignacio, et al, 2013 as shown in Figs.16, 17, 18, 19, 20 and 21 for displacement and

Figs.22 and 23 for bending stress for a rotor has 1g unbalance mass.

while in z direction the maximum stress + 62E6 % , both of them happens at
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4. CONCLUSION

1-

It can be conclude that.

The Eigen frequency calculated as a first critical speed by ANSYS, to get the
fundamental frequency and mode shape by using Campbell diagram which is the
resonance speed, it found 4920 rpm for a given dimensions of rotor as in Table.4,
resonance speed is more dangerous case to avoid it by making its period of time as
small as possible to avoid failure.

The harmonic analysis has been taken for many unbalance masses 0.5¢g to 2.5g (step

0.5g) and finding the response for each case, the peak value of response happen at
80.4 Hz on frequency-response relation and also could be conclude that the
unbalance response varies nonlinear with unbalance mass till to 1g then it became
approximately linear variation with unbalance masses from 1g to 2.5g.

The transient response and transient bending stresses has been studied and compared
as a behavior of curve, it found in good agreement, the rise time changed from 0.2%
- 1% as increasing percentage from 0.5g to 2 g while its 20% increasing if change
from 2g to 2.5g but the overshoot not varies so much, the settling time jumped to
8.312 sec. at 2.5g unbalance mass, the peak response of transient case also increases
by increasing the unbalance mass, from the other hand the bending stress in y-
direction is more than in z-direction and the maximum case of response and stresses
happen at 6.55sec. the transient response and stresses has been compared as a
behavior of curves with Ignacio, et al, 2013, it found in good agreements.
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NUMENCLATURE

a,, = factor of stiffness of bearing in x-direction.
ay, = factor of cross coupling stiffness of bearing in xy-direction.

Ay

Ayy

factor of cross coupling stiffness of bearing in yx-direction.
factor of stiffness of bearing in y-direction.

b,, =damping parameter of bearing in x-direction.

byy

= cross coupling damping parameter in xy-direction.

b, = cross coupling damping parameter in yx-direction.
= damping parameter of bearing in y-direction.

by,
C
c

center of bearing.
center of journal.

Cxx =damping of bearing in x-direction, N.s/m
Cxy = Cross coupling damping of bearing in xy-direction, N.s/m

Cyx

Cyy

cross coupling damping of bearing in yx-direction, N.s/m
damping of bearing in y-direction, N.s/m
shaft diameter, m

.. N
Young's modulus of elasticity, —

resultant force in bearing, N

radial force in bearing, N

tangential force in bearing, N

disk thickness, m

clearance between shaft and bearing, m.

= stiffness of bearing in x-direction, N /m

cross coupling stiffness of bearing in xy-direction, N /m
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K,, = cross coupling stiffness of bearing in yx-direction, N /m
K,, = stiffness of bearing in y-direction, N /m
K,, = stiffness of rotor in y-direction, N /m

L = length of journal bearing, m

m = equivalent mass of rotor, Kg
m, = mass of disk, Kg
mg = mass of shaft, Kg

N = rotational speed, RPM

O = center of shaft before rotation.

S = Sommerfeld number.

S; = modified Sommerfeld number.

t = time, sec.

u = generalized coordinate with lateral direction.
w = weight effect on bearing, N

X, Y, Z coordinates of the rotor

m = constant, 22/7

€ = eccentricity ratio.

1 = excitation angular velocity, rad/sec.

6 = angle of hydrodynamic pressure, rad.
u = viscosity of oil of bearing,

¢ = pressure angle of oil film bearing, rad.

. . K
p = mass density of shaft material, m—‘z

9 = Poisson's Ratio.
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Bearing 1

Yi Bearing 2
Figure 1. The bearings that taken with the rotor springs and damper representation.

e

Figure 2. Fluid film bearing shows the eccentricity between shaft and bush.

Figure 3. Springs and dampers with cross coupling of oil film journal bearing COMBI214
element geometry.
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Figure 4.Element Beam188 type 6 degree of freedom system, Kris, et a.l,

Table 1. Properties of Bearing number 1, (Stiffness and damping).

Speed | Eccentricity | K,,1* K, 1* | Ky, 1% | Ky 1% | cy 1™ Cryl™ Cyl* Coxl*
RPM ratio 103 103 103 103 103 103 103 103
500 0.4419 3010 1646.8 | -5273.5 | 3307.5 | 92.808 | -58.21 5821 | 171.52
1000 0.2938 3199.2 | 3584.5 | -5992.5 | 23452 | 78.512 | -30.726 | -30.726 | 104.39
1500 0.2158 3275.2 | 5448.3 | -7221.7 | 2032.2 | 74.329 | -20.916 | -20.916 | 86.99
2000 0.1690 3311.0 | 7291.4 | -8682.6 | 1895.6 | 72.552 | -15.839 | -15.839 | 79.988
2500 0.1382 3330.2 | 9133.1 | -10272 | 1825.0 | 71.689 | -12.737 | -12.737 | 76.550
3000 0.1167 3341.4 | 10965 | -11927 | 1784.4 | 71.157 | -10.640 | -10.640 | 74.581
3500 0.1008 3348.5 | 12804 | -13636 | 1759.0 | 70.870 | -9.1422 | -9.1422 | 73.406
4000 0.0887 3353.2 | 14634 | -15365 | 1742.2 | 70.641 | -8.0095 | -8.0095 | 72.593
4500 0.0791 3356.6 | 16475 | -17128 | 17304 | 70.532 | -7.1259 | -7.1259 | 72.080
5000 0.0714 3359.0 | 18303 | -18893 | 1721.9 | 70.411 | -6.4174 | -6.4174 | 71.668
5500 0.0650 3360.8 | 20149 | -20685 | 1715.6 | 70.377 | -5.8368 | -5.8368 | 71.418
6000 0.0597 3362.2 | 21973 | -22466 | 1710.7 | 70.288 | -5.3523 | -5.3523 | 71.165
Table 2. Properties of bearing number 2, (Stiffness and damping).
Speed | Eccentricity | K,,2* K, )2* | Ky 2% | Kyy2% | €2 Cry2* Cyx2* Crxl*
RPM ratio 103 103 103 103 103 103 103 103
500 0.3703 2251.4 | 1760.4 | -3956.9 | 2008.4 | 85.47 | -43.38 -43.38 | 132.91
1000 0.2289 2364.4 | 3663.7 | -5025.7 | 1504.7 | 75.68 | -22.658 | -22.658 | 102.74
1500 0.1624 2401.8 | 5527.7 | -6496.4 | 1361.4 | 73.096 | -15.318 | -15.318 | 79.99
2000 0.1249 2417.7 | 73855 | -8131.4 | 1303.3 | 72.096 | -11.556 | -11.556 | 76.079
2500 0.1012 2425.7 | 9237.4 | -9842.1 | 1274.7 | 71.588 | -9.2718 | -9.2718 | 74.169
3000 0.0849 2430.2 | 11094 | -11601 | 1258.6 | 71.337 | -7.739 -7.739 | 73.142
3500 0.0731 2433.0 | 12944 | -13381 | 1248.7 | 71.156 | -6.6406 | -6.6406 | 72.488
4000 0.0641 24349 | 14806 | -15189 | 1242.2 | 71.069 | -5.8144 | -5.8144 | 72.118
4500 0.0571 2436.1 | 16655 | -16997 | 1237.7 | 71.007 | -5.1708 | -5.1708 | 71.817
5000 0.0515 2437.1 | 18494 | -18802 | 1234.5 | 70.901 | -4.6553 -4.6553 | 71.558
5500 0.0469 2437.7 | 20330 | -20611 | 1232.1 | 70.811 | -4.2331 | -4.2331 | 71.355
6000 0.0430 2438.3 | 22193 | -22450 | 1230.3 | 70.823 | -3.8811 | -3.8811 | 71.281
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Table 3. Shaft material A1S14140 Properties.

Material Properties
Young Modulus (E) 2.05x 101! N/m?
Poisson's Ratio () 0.29
Density (p) 7850 Kg/im?
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Figure 5. Stiffness of the journal bearing verses spin speed of rotor.
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Figure 6. Rotor spin speed verses damping of fluid film bearing.
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Table 4. Dimensions of Selected model For Study.

Description Dimensions of selected model
Total shaft length (m) 0.654 m
Shaft diameter (m) 0.048 m
Disk diameter (m) 0.34m

Distances between disk and
bearings (m)

A=0.414m, B =0.24m

Disk thickness (m)

0.02m

Total rotor mass (KQg)

23.25 kg
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Figure 8. Campbell diagram of the rotor shows the critical speed at 4920 rpm.

Table 5. Response of the rotor in disk region of harmonic unbalance at critical speed.

Unbalance mass (g) | Response of the rotor in disk | % Percentage of changing
region (m) at 4920 rpm response
0.5 0.7762E-03 0
1 0.8954E-03 13.31
15 0.1119E-02 19.98
2 0.1343E-02 16.67
2.5 0.1492E-02 9.986
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Figure 9. Response displacement for 0.5 g Harmonic unbalances mass.
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Table 6. Transient response analysis at start up.

Transient analysis at start up for changes of unbalance mass
Parameter Timein Timein Timein Timein Timein
second for second for second for second for | second for
0.5¢ 19 1.59 29 2.59
Rise time tr 6.172 6.187 6.253 6.285 7.9166
Settle time ts 8.28 8.30 8.35 8.45 9.583
% overshoot 66.49 66.48 66.48 66.493 66.48
MP
Maximum 0.7462E-03m 0.895E-03m | 0.1119E-02 m | 0.1343E-02m | 0.1492E-2m
displacement | at6.478sec. at 6.50 sec. at 6.58 sec at 6.650 sec. | at 8.312 sec.
near disk
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Figure 21. Transient response analysis verses the time as in, Ignacio, et al., 2013.
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Figure 22. Bending stresses in z and y direction verses the time for transient at start up.
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Figure 23: Bending stresses in z and y direction verses the time for transient at start up,

Ignacio, et al., 2013.

128




